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A B S T R A C T

A new comprehensive cylinder lubrication model for reciprocating piston compressors is presented. The
focus lies on deriving the oil transport along the piston assembly to obtain compressor specific, optimal
lube strategies without neglecting any main driver for oil consumption. The model accounts for the mutual
interactions between the oil film, the compressed gas, the piston- and rider rings, the piston motion, the
bending of the piston rod, and the crosshead motion. The presented model deals with the dynamical behavior
of the entire drive including the secondary piston movements. A starving number St is introduced to study the
tribological conditions between rings and cylinder wall and to assess the impact of starved lubrication.
1. Introduction

Cylinder lubrication is a key factor in the reliable operation of re-
ciprocating compressors with minimal downtime for maintenance: due
to lack of alternatives, it is state-of-the-art in the compressor business
to estimate optimal lube rates on the basis of quite basic empirical
design formulas and charts (e.g. [1, Ch. 18]). These empirical formulas
define a lube quantity per unit time based on compressor speed and
cylinder size and an empirical factor which accounts for the gas type,
ring material, etc. However, they do not account for system-specific
parameters like clearance, piston assembly (mass, ring configuration,
ring profile etc.) and oil viscosity, and give no guidance for an optimal
lube strategy. A sophisticated lube strategy would take into account not
only compressor-specific parameters but also the timing of oil injection,
which in turn defines the position of the lube ports relatively to the
piston assembly.

To the authors knowledge, there exists no theoretical research
about lubrication guidelines of typical reciprocating piston compressors
including crossheads, as commonly found in process- and gas indus-
try. Some empirical work was done by different companies in the
compressor market, trying to reduce lube rate [2].

Some literature (e.g. [3]) is found concerning lubrication of small
reciprocating compressors employed in domestic refrigerators. Such
small compressors do not have crossheads. They have no rings to reduce
friction and work with very small radial piston/cylinder clearances
of just a few micro meters. Therefore, they are significantly built
differently than the machines researched in this work.

∗ Corresponding author at: Institute of Fluid Mechanics and Heat Transfer (E322), TU Wien, Tower BA/E322, Getreidemarkt, 1090 Vienna, Austria.
E-mail address: bernhard.fritz@hoerbiger.com (B. Fritz).

Substantially more literature is found concerning piston lubrication
of engines. Although cylinder lubrication of engines differs significantly
from cylinder lubrication of compressors in many aspects, it is worth
looking into it while remembering the differences, which are amongst
others: (i) piston layout: piston assemblies of engines commonly have
three differently shaped metallic piston rings; (2) they usually do not
have crossheads; (iii) temperatures are much higher; (iv) they are single
acting machines → they have an infinite lube-oil supply at crank side;
(v) clearances are smaller and (vi) their oil consumption is much less;
a good point to start is the review of D’Agostino and Senatore [4],
who give a detailed insight into piston ring lubrication, and the main
mathematical and computer models applied so far. Important work
has also been done by Dursunkaya and Keribar [5], who were the
first to develop a hydrodynamic skirt lubrication model coupled to the
secondary motion analysis of articulated (splitted piston in skirt and
piston crown) and conventional piston assemblies. This model includes
wristpin- and skirt lubrication submodels and calculates separately the
motion of pin, rod and (for articulated pistons) skirt.

Rings can have changing running conditions: At some points, they
can operate fully flooded, then they can experience starved condi-
tions. The Reynolds equation, which is typically used to calculate the
pressure distribution in the lubricated gap, does not apply outside
the gap. Modeling the inlet and the outlet of the lubricated gaps is
very complex and is handled differently by the various authors: The
easiest approach is to assume a fully flooded gap, which is done for
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instance in [3,6,7]. A more sophisticated approach is to account for
an oil built up in front of the ring: Gulwadi [8] presented a mass-
conserving (cavitation) scheme involving the 1D implementation of
the hydrodynamic lubrication equation for the piston ring, which is
assumed to be flexible and can move in radial direction. This model
is capable to simulate the transition between the various modes of ring
lubrication (hydrodynamic, mixed, and boundary), tracks the oil film
trace, which the ring is leaving and allows accumulation of oil (modeled
by a trapezoidal geometry) at the leading edge of the ring. Similar
models were presented in [9,10]. Felter [11] presented a 2D free
surface model based on the Navier–Stokes equations, which simulates
also the free surface outside the rings to overcome this problem. It does
not consider effects of cavitation. The model was successfully tested on
a fixed inclined slider bearing with prescribed motion, but it turns out
to be computationally expensive.

The objective of this work is the derivation of a comprehensive
cylinder lubrication model for reciprocating piston compressors, which
can be used to calculate the oil transport along each ring of the
piston assembly to obtain compressor specific, optimal lube strategies
without neglecting any main driver for oil consumption. To the authors
knowledge, the presented lubrication model is the first one achieving
this objective, since the majority of studies focuses on piston lubrication
of engines: it deals with the macroscopic characteristics as covered
in formulating the dynamical behavior of the entire drive, which is
capable of describing the secondary piston movements — the piston
motion normal to the primary direction of piston movement. This
necessarily includes the crank and the crosshead. The resulting gaps
between cylinder and rings as well as between crosshead and crosshead
shoes form the meso-scale and are essential ingredients for closing the
hitherto unclosed equations of motion on the macro-scales. Hence, it
accounts for the mutual interactions between the oil film (fully flooded
and partially filled gaps), the compressed gas, the piston rings and
rider rings, the piston motion, the bending of the piston rod and the
crosshead motion. This lubrication model leads to better and more
precise lubrication guidelines to promote reliable and economic com-
pressor operation — something that is almost impossible to achieve by
purely experimental means. As a primary goal, the resulting lubrication
strategy should minimize the risk of oil-film rupture, while minimizing
the total lube rate. A starving number 𝑆𝑡 is introduced to study the
tribological conditions between rings and cylinder wall and to assess
the impact of starved lubrication. It should help to specify both the best
amount of oil supplied and the best timing for oil injection. The present
work surveys and extends the original investigations [12]. Partly, it
has also been presented at the ‘‘European Forum for Reciprocating
Compressors’’ [13].

As a further goal (of utmost tribological relevance), our detailed
prediction of the forces responding to the imposed loads and inertia
shall provide a sound basis for a subsequent prediction of frictional
forces and, most importantly, wear. According to classical lubrication
theory, the first are, given the extreme aspect ratios of the lubrication
gaps, an associated magnitude smaller than the self-induced pressure
forces considered. The resultant wear, however, is immediately related
to undesired starved conditions, inherently tied in with mixed lubri-
cation and thus effectively defines the actual life time of the overall
system.

All the variables and parameters used in this study are defined
throughout the text at their first appearance. In addition, their defi-
nitions are found in the nomenclature section.

2. Unified multi-scale approach

Let us recall the primary task of the oil film: reducing friction.
Friction between the moving surfaces is significantly reduced as long as
the surface roughness 𝜎 is smaller than the gap ℎ = ℎ(𝑥, 𝜑, 𝑡) between
ring and cylinder wall, where 𝑥 represents the axial direction, 𝜑 the
angle (𝜑 = 0 at the lowest point of symmetry plane) and 𝑡 the time.
2

Fig. 1. Pressure and velocity profiles between ring and cylinder wall.

Hence, we need to take a close look at the ring regions to estimate
how much oil it takes to ensure a certain minimum gap. Consider an
arbitrary ring cross section (Fig. 1): The coordinate system moves with
the piston and so the cylinder wall moves in a reciprocating fashion
relative to the ring with the axial, time 𝑡 dependent velocity 𝑈 . The
ring has width 𝑤𝑟 and is separated from the moving cylinder wall by
an oil film of thickness ℎ. The ratio 𝜖r of the oil gap to the ring width
is small, i.e. 𝜖r = ℎ0∕𝑤r ≪ 1 and 𝜖r𝑅𝑒 ≪ 1, where the Reynolds number
𝑅𝑒 = 𝑈ℎ0∕𝜈f , 𝜈f is the kinematic viscosity of the oil, here reliably
taken as uniform (see Section 2.2.2), and ℎ0(𝑡) is the minimal gap.
These estimates form the prerequisites of classical lubrication theory.
We therefore neglect fluid inertia and vertical pressure variations (also
due to gravity) across the lubricant film. This simplifies the thin-layer
approximation of the Navier–Stokes equations, resulting in a Couette–
Poiseuille velocity profile, where the oil pressure 𝑝oil is a function of
𝑥, 𝑧 and 𝑡 with 𝑧 = 𝑅𝜑, 𝑅 being the radius of the cylinder bore.
Using the continuity equation, this leads to the classical Reynolds equa-
tion [14] for an incompressible fluid — see (1), which describes the
time-dependent pressure distribution 𝑝oil = 𝑝oil(𝑥, 𝑧, 𝑡) within the gap.
The pressure distribution is driven by two effects known respectively as
the wedge and the squeeze. The squeeze term is driven by the vertical
movement of the ring, while the ring’s tilt determines the wedge effect.

𝜕
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(
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6𝜇f

𝜕𝑝oil
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=
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+ 2 𝜕ℎ
𝜕𝑡

.
(1)

A cylinder lubrication model needs to answer, in essence, how to
define a lube strategy to minimize the occurrence of asperity contacts
between rings and cylinder wall. Hence, the main points which need to
be covered to analyze this problem, are:

• the oil film force 𝐹oil(𝑡) required to avoid asperity contacts, which
leads to

• the vertical ring movements and the time-dependent tilt of the
rings (symmetry is assumed, lateral motions are neglected, see
Section 2.2);

• the thickness of the oil film next to each side of the ring which is
needed to calculate the amount of oil to be supplied. A sufficient
oil supply is needed to create a fully flooded ring region, which
in turn allows the formation of the necessary hydrodynamic
pressure, (see Section 3.1).

Step by step we will present the model details addressing the three
points mentioned above. This will then lead us to a global lubrication
model that allows the derivation of compressor-specific lube strategies,
also by involving full computational fluid dynamics (CFD).
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Fig. 2. (left) rider ring; (right): piston ring.

2.1. Oil film forces between rings and cylinder wall

A typical piston assembly usually consists of two different ring
types: rider rings and piston rings (Fig. 2).

Both are nowadays typically made out of plastic compounds. Piston
rings are exclusively designed to seal against gas pressure: Differen-
tial pressure pushes them against the cylinder wall during operation.
To allow them to be placed in their retaining grooves, piston rings
usually feature either a narrow gap or a multi-piece construction.
This combination of material and construction makes piston rings very
flexible.

The relationship between radial displacements and pressure loading
of a slotted ring is derived based on [15, Ch. 13] by extending its equa-
tions of motion by acceleration terms. The following main assumptions
are used:

1. beam axis forms a plane curve. It is only deformed in-plane of
the beam axis.

2. cross-sectional dimensions are small compared to the radius of
curvature (slightly curved beam).

3. principal axis of inertia of cross-section is normal to beam-plane:
This is true for usual ring geometries.

4. all acting forces have to be symmetrical to the beam-plane (this
is not true; however, as long as (1) is satisfied, the asymmetry
can safely be assumed to be negligible).

5. the piston ring’s geometry is axisymmetric.

Writing the ring’s equation of motion in a non-dimensional form and
evaluating the resulting non-dimensional numbers for standard recip-
rocating compressors parameters leads to a much simpler problem: the
ring deformation simplifies to the description of a inertia-less, flexible
beam [12] with

𝑞𝑟 = 𝑞𝑟,oil + 𝑞𝑟,gas = 0 , (2)

where the radial forces due to the gas pressure 𝑞𝑟,gas and due to oil
pressure 𝑞𝑟,oil — derived using (7) and (1) with neglected gradients
in angular direction — are in equilibrium. This leads to a quasi-1D
problem. Inertial terms as well as gradients in circumferential direc-
tions are negligible: 𝜑 has become a parameter. Forces due to gas and
oil pressures need to be in equilibrium for all 𝜑 ranging from 0 − 𝜋.
The radial, 𝜑-dependent ring deformation is such, that (2) is fulfilled,
the required 𝐹oil is a function of the gas pressure. The ring’s tilt is
prescribed by the piston groove. The ring is always assumed to contact
the piston groove at the lower pressure side (e.g. left side with 𝑝0 in
Fig. 2) and to shuttle instantaneously to the other side for changing
differential pressures. Oil transport due to shuttle motion is neglected.
These assumptions are again motivated by the small mass and stiffness
of a piston ring, and the small gap in axial direction between ring and
piston groove (approx. 1 mm). Summarized, the relative, axial velocity
and the ring’s tilt are defined by the piston motion, and the ring’s
motion in radial direction is derived by fulfilling (2).
3

Rider rings, on the other hand, are pressure-balanced and are seated
solidly on the piston: axial slots guarantee equal pressure on both sides
and prevent them from becoming ‘‘activated’’ by differential pressure,
as piston rings are. They transmit to the piston those forces that arise
in the oil film and through contact with the cylinder wall. The ring is
assumed to move with the piston, so that the gap between cylinder wall
and rider ring is defined by the piston’s position and inclination as well
as the deformation of the ring. The derivation of 𝐹oil and the motion of
the piston demand a dynamic model of the piston.

Above all, elastic deformations of both rings and cylinder wall
could alter the gap geometry leading to an elastohydrodynamic (EHD)
lubrication problem. In fact, the significance of this effect cannot be
ruled out a-priori and was indeed studied in [12] taking a simplified
dynamical model: the main assumptions were:

• a fully flooded gap
• an ideal piston-crosshead assembly: rigid piston rod (𝑞 = 0,

see (3)), zero clearance between crosshead and crosshead guide
(vertical displacement of crosshead 𝑦C = 0), as well as a zero
crosshead moment (𝑀C= 0).

Assuming these simplifications, the fully-coupled EHD lubrication prob-
lem was solved using the commercial FE-solver ABAQUS/Standard
(Release 6.14–1, Dassault Systèmes Simulia Corp., Providence, RI, USA)
to calculate the elastic deformations, while the displacement dependent
oil pressure was defined via sub-routines (Fortran 95): the results
suggest that elastohydrodynamic effects play a minor role, noting the
differences of results between the EHD- and the rigid calculations: just
0.1% were derived looking at the maximal difference of eccentricities
and less than 1% looking at the net-oil flow: It was calculated for both
cases using the net-oil flow of three revolutions, and extrapolated to get
flow rates in l/h. Accounting for these results, EHD-effects are neglected
in the further study.

Frictional forces between rings and cylinder wall arise: for hydrody-
namic lubrication conditions, they can easily be derived by integrating
the wall shear stress over the ring’s surface. For starved lubrication
conditions involving mixed lubrication conditions it gets more compli-
cated. However, the lubrication model shall estimate the oil transport
correctly. Hence, the focus lies on the film velocities: the derivation
of any force is important as long as it significantly effects lubricated
gaps, thus the rings’ motions. The frictional forces, however, have a
negligible impact on the piston motion (see [12]) and are in general
of minor importance in the compressor industry. The most signifi-
cant terms leading to the secondary piston motion and the tilt of the
crosshead are the vertical forces (due to the hydrodynamic pressure
or asperity contact force) acting on crosshead and piston. Therefore,
friction forces are not studied in this paper.

2.2. Modeling compressor dynamics

Describing the vertical movements of the rings, the time-dependent
tilt of the rings and the required 𝐹oil demand a most accurate pre-
diction of the motion of the piston. This includes the representation
of the secondary piston movement – normal to the primary direction
of piston movement – due to the time-dependent piston tilt, which
is a consequence of clearances around the piston and the crosshead.
For simplicity, we assume symmetry and neglect any motions due
to vibrations: Lateral movements or forces are neglected: crosshead
as well as piston only move axially and vertically. The resulting dy-
namic compressor model (Fig. 3) is a lumped-element model with
ideal bearings, meaning that they are assumed to have zero clearances
and do not transmit moments. It is enhanced by a 1D Ritz ansatz
function describing the bending of the piston rod. All the other parts
— crankshaft, connecting rod, crosshead and piston — are assumed to
be rigid. To describe the tilt of the piston, vertical displacements of the
crosshead 𝑦C(𝑡) and the piston 𝑦P(𝑡) are included as degrees of freedom.

The model has three generalized degrees of freedom (DOF) according
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Fig. 3. Mechanical model: degrees of freedom are shown in green, generalized forces are shown in red. (For interpretation of the references to color in this figure legend, the
reader is referred to the web version of this article.)
Fig. 4. (left) Crosshead, and (right) the resulting pressure distribution.

to the concept of Lagrangian mechanics and modular analysis: (i) 𝑦C
(t), (ii) the tilt of the crosshead 𝛼(𝑡), and (iii) 𝑞(𝑡), an approximation for
the maximum vertical displacement 𝑤 of the piston rod due to bending
(bending length 𝑙𝑏). The bending line is determined using the ansatz:

𝑤(𝜉, 𝑡) = 𝑞(𝑡) ⋅ 𝜙(𝜉) , (3a)

𝜙(𝜉) = 𝜉2∕𝑙2b , (3b)

with 𝜉 being the axial piston rod coordinate. The three degrees of
freedom result in three equations of motion [12]. To close the system
of equations we need to describe how the general forces and moments
acting on the piston (𝐹P,𝑥, 𝐹P,𝑦,𝑀P) and crosshead (𝐹C,𝑥, 𝐹C,𝑦,𝑀C) relate
to the motion of these components. This is done via two submodels
representing the rider ring and the crosshead respectively. Both sub-
models calculate the motion-dependent pressure distributions using the
Reynolds Eq. (1) to derive the resulting forces and moments.

We subsequently address the essential submodels and underlying
model assumptions.

2.2.1. Submodels: crosshead, rider ring and piston ring
The crosshead and ring models need to derive the acting moments

and forces due to the oil pressure and the resulting gaps. The crosshead
is both hydrostatically and dynamically lubricated on both its upper
and lower sides, so we always have fully lubricated gaps. The 2D
Reynolds equation is solved for both sides. A constant pump pressure
is prescribed in the lubrication channels, while the ambient pressure
is described at the fixed boundaries (4). The crosshead is assumed to
be rigid, and hence the lubricated gaps are defined solely through the
crosshead motion: 𝑦C(𝑡) and 𝛼(𝑡) (see Fig. 4).

The rider rings and the piston rings are hydrodynamically lubri-
cated, with the lubricated gaps defined by the piston movement. To
solve (1) we need to prescribe the pressure at the boundaries of the
fully flooded ring region.
4

Fig. 5. (top) Starved lubrication condition in the axial direction as a result of
insufficient oil supply; (bottom) starved lubrication condition in the azimuthal direction
due to large clearance.

However, rings are not always fully flooded like in Fig. 2. First, the
ring gap will hardly ever be fully filled with oil in the angular direction
(Fig. 5, bottom). This is because the clearance between rider ring and
cylinder wall is typically on the order of 0.1 mm (or larger due to wear),
while the expected thickness of the oil film is around 0.01 mm.

Second, any ring can be starved of lubrication due to insufficient oil
supply, resulting in shrinkage of the fully flooded ring region (Fig. 5,
top).

This is therefore a free boundary problem: The extent of the fully
flooded ring region is time-dependent, and can increase and decrease
dependent on the oil film heights at its borders. Next to this region
there is a passive oil film, whose pressure equals the gas pressure above
the oil film. The complex region between the flooded region and the
passive film we will refer to as a transition zone. To evaluate the ring’s
lubrication condition, we need to track these transition zones.

2.2.2. Summary of main assumptions to derive the global compressor dy-
namics

In a nutshell, the following (self-explanatory) main assumptions are
made to derive the global compressor dynamics including the ring
motions:
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𝑚

𝑚

• constant crank speed;
• the following main components are assumed to be stiff:

crankshaft, connecting rods, cylinder, piston, crosshead, rider
rings;

• piston rings: inertia-less, flexible in angular direction, oil trans-
port due to shuttling is neglected, rings follow tilting motion of
piston, ring profile keeps constant during lube calculations;

• rider rings: stiff, follow piston motions;
• bushings and bearings: have zero clearance;
• piston rod: bending is estimated via 1D Ritz ansatz;
• frictional forces: are neglected (small compared to inertia and gas

forces);
• gas pressures and oil fronts are derived according to Sections 2.3

and 2.5.1;

For typical compressor operating conditions it seems reasonable
to not only assume a uniform density, but also a constant dynamic
viscosity of the lubricant. This point deserves the following explana-
tion: To the author’s knowledge, there exist no publicized, extensive
cylinder-temperature measurements. However, measurements of liner
temperatures of engines are available and show quite low variations
in axial direction: in [16], for example, the axial variation of the
liner temperature of a v-12 engine is measured, showing temperatures
between approximately 90 ◦C–140 ◦C. Of course, there are some major
differences compared to reciprocating piston compressors: piston com-
pressors do not have ignitions, but polytropic compressions, are double
acting, etc. However, these differences would even lead to smaller
axial temperature variations. In addition, maximal possible cylinder
temperatures and hence axial temperature variations are limited by
the material grades used for the rings, which withstand only limited
temperatures (higher temperatures would lead to increased ring wear).
Therefore, assuming a maximal temperature range of approximately 50
K seems realistic.

Usual operating pressures are 1 bar–350 bar, but with a pressure
ratio less than 3. Results show that additional oil-pressure peaks in the
oil film are below 100 bar.

Within these temperature and pressure ranges, the change of vis-
cosity is rather small, allowing an appropriate oil viscosity reference
suiting the steady operating condition.

2.3. Two-equations gas pressure model

The process of mixing in-flowing gas with the gas already in each
chamber is irreversible, so we must account for both the energy balance
and the mass balance. The cylinder wall is assumed to be adiabatic.
The assumption of a calorically perfect gas and the ideal gas law are
used. Above all, the process is assumed to be quasi-static, resulting in a
time-dependent but uniform pressure distribution in each chamber (see
Fig. 6).

The integral energy balance (first law of thermodynamics) and the
mass balance read
d𝑈
d𝑡

= −𝑝 d𝑉
d𝑡

+ �̇�in
(

𝑢𝑚in + 𝑝𝑚in𝑣
𝑚
in
)

−

̇ out
(

𝑢𝑚out + 𝑝𝑚out𝑣
𝑚
out

)

,
(4)

d𝑚
d𝑡

= �̇�in − �̇�out , (5)

with 𝑈, 𝑉 , �̇�, 𝑚, 𝑝, 𝑐𝑣 being the internal energy, the volume of the reser-
voir, the mass flow going out (subscript out) or in (subscript in), the
total mass and pressure of the reservoir’s gas and the heat capacity.
Using these equations and taking the assumptions mentioned above
into account leads to

d
d𝑡

(

𝑚𝑐𝑣𝑇 + 𝑚𝑢0
)

=

𝑢0
d𝑚
d𝑡

+ 𝑐𝑣𝑇
d𝑚
d𝑡

+ 𝑚𝑐𝑣
d𝑇
d𝑡

=

−𝑝 d𝑉
d𝑡

+ �̇�in
(

𝑐𝑣𝑇
𝑚
in + 𝑢0 + R𝑇 𝑚

in
)

−
( )

(6)
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�̇�out 𝑐𝑣𝑇 + 𝑢0 + R𝑇 .
Fig. 6. System boundaries to determine the course of pressure in the compression
chamber and between rings. This is an exemplary case, in reality, the number of rings
can vary.

Finally, we arrive with 2 equations governing the 2-equations gas
pressure model, which describes the progression of pressure and density
𝜌 in the compression chambers and between rings

d𝑝
d𝑡

= 𝜅
𝑉

(

�̇�in
𝑝𝑚in
𝜌𝑚in

− �̇�out
𝑝
𝜌
− 𝑝 d𝑉

d𝑡

)

, (7a)

d𝜌
d𝑡

= 1
𝑉

(

�̇�in − �̇�out − 𝜌 d𝑉
d𝑡

)

. (7b)

The mass flow across the rings and through the valves is described
using the well-known Saint-Venant–Wantzel law. It reads

̇ = 𝐴1

√

2𝜅
𝜅 − 1

𝑝0𝜌0

√

√

√

√

(

𝑝1
𝑝0

)
2
𝜅
−
(

𝑝1
𝑝0

)
𝜅+1
𝜅

. (8)

The pressure 𝑝 with index 0 are the stagnation terms on the up-
stream side of the rings, index 1 stands for terms at the downstream
side of the rings. The term 𝐴1 is the opening cross-section and will
be replaced by 𝜙valve = 𝐴1𝛼loss, 𝛼loss = �̇�∕�̇�th ≤ 1, which accounts
for all kind of losses, but mainly due to flow separation. 𝜙valve is to
be determined experimentally and should in most cases be known by
the manufacturer of rings and valves.

For simplicity, the 𝜙valve-values of the rings are kept constant during
calculation. In reality, the 𝜙valve-value of a ring increases on a long time
range, dependent on the ring wear. The 𝜙valve-values of the valves are
either zero or an average valve-dependent value: Any valve motion is
not accounted for, the valves close and open instantaneously when a
certain pressure level is reached.

2.4. Contact between rings and cylinder wall: evaluation of lubrication
conditions

The Reynolds equation, which is used to calculate the pressure
distribution in the fully oil-flooded gaps, is valid for ideally smooth
contact surfaces. The closer the gap height is to the cylinder wall
roughness, the less accurate the Reynolds equation becomes and the
greater the role played by surface roughness. In the limit, when the gap
height equals the surface roughness (assuming a Gaussian distribution,
four times the composite root mean square roughness of the ring and
cylinder wall 4𝜎 roughly defines the transition between the mixed and
full fluid film lubrication — this approximation is based on [17]),
the ring operates in the mixed lubrication regime, where the load is
supported partly by the fluid film and partly by the surface asperities.

In this work we assume perfectly smooth surfaces and neglect the
influence of wall roughness on the pressure distribution. The gap size
is forced to remain above a certain minimum value, in the order of
the cylinder surface roughness, via a basic contact model: Linear spring
forces are applied to the surface of each ring. These spring forces are
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independent of one another and represent contact forces due to elastic
deformation:

𝐹c,𝑘 = 𝐸𝐴c,𝑘
4𝜎 − gap𝑘

ℎ𝑟
, (9)

where 𝐴c,𝑘 is a proportional section area, 𝐸 is the Young’s modulus,
ℎ𝑟 is the height of the deforming material and 𝜎 is the composite root
mean square surface roughness of the ring and cylinder wall. This ap-
proach is different compared to common linear asperity contact models
used in piston ring lubrication studies, which use the lambda ratio
(the oil film thickness divided by the RMS roughness) and a lambda
dependent friction coefficient. However, as stated before, deriving the
friction forces (and hence, the friction coefficient) is not a goal of this
study, which is all about the oil consumption mechanisms. Actually,
if the ring motion leads to asperity contacts, the ring works as an
oil barrier (considering, that usual film heights are around 0.01 mm).
Hence, the asperity contact model has a negligible influence on the final
net-oil transport and serves mainly three objectives: (i) it must yield the
correct contact force for the global dynamic compressor model to derive
the piston dynamics; (ii) the derived contact forces are used to predict
wear; (iii) it must prevent numerical issues due to negative gaps.

The contact forces are used to assess the impact of starved lubri-
cation. We introduce the starving parameter 𝑆𝑡. Its definition shall
be sketched very roughly, a detailed explanation is found in [12]: for
each ring, the so called wear-proportional pv load — known from the
selection of materials for dry bearings [18] — is calculated with zero
share for vanishing contact forces and compared to the theoretical pv
load of a dry-running ring over a full cycle (it is integrated over each
revolution). The pv value is motivated by the well known Archard’s
equation, where the pressure times relative velocity is proportional to
the rate of wear depth. Hence, 𝑆𝑡 takes the following values:

• 𝑆𝑡 = 0 for fully hydrodynamic lubrication
• 0 < 𝑆𝑡 < 1 for partially mixed lubrication
• 𝑆𝑡 = 1 for dry-running ring.

𝑆𝑡 is important: It lets us describe the lubrication conditions of each
ring with a distinctive parameter derived directly from the global
lubrication model. The evaluation of the contact force of any ring over
time gives the information when and how long asperity contacts occur.
However, it does not directly answer its impact on wear. The starving
number, on the other hand, provides this information: if 𝑆𝑡 = 0, the
ubrication condition of the considered ring cannot be improved and
or numbers near 0, the impact of asperity contact is considered to
e negligible. For increasing 𝑆𝑡, however, a different lubrication set-
p should be considered: either a different lube strategy, different ring
rofile, different oil (viscosity), etc.

The contact forces will also be used to derive realistic ring profiles
fter the ‘‘run-in’’ period — the operation time of a compressor right af-
er a ring-assembly change, which is often accompanied by an increased
ubrication rate (see Section 4.1)

.5. Free surface oil film

The film heights next to the flooded region of the ring are of great
mportance, since they decide whether the flooded region will grow
r shrink. Film heights that are too low will lead to under-lubrication,
esulting in an asperity contact between ring and cylinder wall.

.5.1. Oil film dynamics due to interaction of rings
Fig. 8 shows two adjacent rings at rest; the cylinder wall is moving

o the right. The film velocity profile between the rings corresponds
o plug flow, while the velocity profile between cylinder wall and ring
orresponds to a Couette flow (for simplicity we neglect the wedge and
queeze effects). The left-hand ring thus leaves a trace of oil whose
eight is half that of the gap. If the right-hand ring has a larger gap (as
hown in Fig. 8), its fully lubricated area will decrease and the ring will
ove closer to the wall. To assess the lube situation of any particular

ing it is therefore essential to take into account the interplay with other
ings when calculating the film height.
6

2.5.2. Oil film dynamics due to gas flow and evaporation
Last but not least, we need to study the progression over time of

the oil film height through causes apart from ring interactions. Two
mechanisms which might affect the height of the oil film in the cylinder
regions next to the rings are:

• thinning of the oil film due to evaporation; and
• motion of the oil film due to gas flows, gravity and capillary

forces.

Refs. [19,20] present oil evaporation models for piston engines. They
describe the evaporation of the oil, consisting of various constituents
having different vapor pressures, on the liner surface as a diffusion of
oil vapor through a gas boundary layer. Oil evaporation is controlled by
gas-side convection [19], and this assumption still holds for larger film
heights, where diffusion inside the oil film becomes more pronounced
(the Biot number increases), as expected in the cylinders of bigger
compressors. Taking the figures from [19,20] and extrapolating to
typical compressor geometries we get evaporation rates in the approxi-
mate range 0.001 l/h – 0.1 l/h, depending on compressor size. Even
the upper end of this range is small compared to usual compressor
lubrication rates of several liters per hour. It should also be noted that
the temperatures in a typical compressor are much lower than those in
an internal combustion engine, so mass transfer coefficients and hence
evaporation rates will be even lower. We can therefore neglect thinning
of the oil film due to evaporation. Using basic asymptotic analysis and
a CFD calculation of a compression cycle for an exemplary compressor,
Ref. [18] shows that the shear stress is the dominant term in the
Navier–Stokes equations of the gas-driven oil film, which allows us to
neglect the pressure gradient. Furthermore, the maximal film velocity
𝑢s is derived:

𝑢s = 𝜏𝑔ℎf∕𝜇f , (10)

with the dynamic viscosity 𝜇f and the shear stress 𝜏𝑔 at the film surface.
In addition, [12] shows that 𝑢s ≪ 𝑈 for typical oil film heights (ℎf <
10E−4 m) in most cylinder regions. However, 𝑢𝑠 is significantly larger
only in two situations: (i) next to the valves and (ii) on the cylinder
wall at higher film heights. This explains the gas-driven removal of oil
next to the valves and where oil has accumulated. Additionally, effects
of capillarity and gravity can be shown to be negligibly small [12], at
least sufficiently far away from the dead-end positions of the outer rings
and around the valve nests, were oil accumulations will most likely
occur. This is also confirmed by full CFD simulations of the flow in
a real compressor [12]. Fig. 7 shows the slip velocity and wall shear
stresses over the developed cylinder surface at certain crank angles.
The slip velocities are calculated using the wall shear stresses as a
result and using (10) with ℎf = 0.1 mm. Even though 0.1 mm are
very high values for film thickness (realistic values are around 10 μm),

hich most likely only occur at locations of oil accumulations (dead-
nd positions and valve nests), the resulting slip velocities are still
0.1 mm. The arguments above confirm that we can neglect changes

n oil film thickness due to evaporation, gas flow, gravity and capillary
ction. We therefore have time-independent oil film distribution in the
ylinder regions of interest: the compression regions at the head end
nd the crank end, and the regions between the rings. At every time
tep, only the film heights of the boundary cells next to the rings need
o be updated so that we can calculate the oil trace leaving each ring.

.6. Global lubrication model

As stated at the beginning of this section, we need to take a close
ook at the lubrication conditions of the ring regions to estimate how
uch oil is required to ensure a certain minimal gap. Summarized, this

equires us to:

• describe the time-dependent piston motion (tilt and eccentricity
of piston), which requires a dynamic compressor model including

accurate ring- and crosshead submodels;
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Fig. 7. Slip velocity plots for one revolution, starting from 8 ◦–158 ◦, equally spaced in
time (25 ◦ interval), from top left to down right: The slip velocity is plotted over the
developed cylinder surface, where the discharge valve is positioned at the side of 𝜙 = 0◦,
𝜙 defined according to Section 2. 𝑥 represents the axial cylinder coordinate, starting
from 0 (dead-end position of cylinder end) to 𝑙st (cylinder cover). The slip velocity 𝑢s
is calculated for 𝜇f = 0.1 Pa s, ℎf = 0.1 mm. Surface area, which is overlapped by the
piston is shown in white.
Source: Figure taken from [12].

Fig. 8. Interaction between two consecutive rings.

• describe the oil supply to each ring, which requires a model which
tracks the oil trace of each ring and accounts for the interplay
between the rings.

We have already decided that it is reasonable to neglect gas-driven
oil flow and oil evaporation. The global lubrication model we have de-
rived covers the above considerations. Its focus is on finding a dynamic
steady state (with a periodicity of several compression cycles) involving
a bearable St number. The accumulated net-oil flow across each ring
can then be evaluated. The model is computationally intensive — we
7

Fig. 9. Definition of calculation regimes;.

can model 1–4 crank revolutions per day on a 2.7–GHz CPU — so the
net-oil flow must be extrapolated to get lube rates in l/day. Parameters
such as ring profile, 𝜇f , speed and geometry and oil parameters need
to be defined in accordance with steady-state conditions.

The simulation results provide detailed insights into cylinder lu-
brication conditions by describing the oil demand of each individual
ring.

3. Specific model details and implementation

Oil film dynamics are modeled by dividing the calculation domain
into different calculation areas which use two computational grids (CS1
and CS2, see Fig. 9):

• oil film in cylinder regions (CS1)
• outer transition zone (CS2)
• inner transition zone (CS2)
• fully flooded ring region (CS2)
• starved ring region (CS2)

CS1 is the computational grid for the cylinder region (coordinate
system is at rest) and CS2 is the computational grid for the ring regions
(rings have zero relative velocity, cylinder wall moves with speed 𝑈).
The transition zone lies between the passive oil film, which is assumed
to cover the cylinder wall, and the fully flooded ring region. Its position
is derived via interface tracking (see below).

3.1. Interface tracking via transition zones

Following the Volume of Fluid (VOF) method [7], the interface is
tracked using the volume fraction 𝐹 , which represents the ratio of the
fully filled cell volume 𝑉oil to the total cell volume 𝑉 , and is defined
for each cell 𝑘 as:

𝐹𝑘 =
𝑉oil,𝑘
𝑉𝑘

(11)

The evolution of 𝐹𝑘 is derived from a mass balance for the interface
cell with index k:

𝑉 (𝑛)
oil,𝑘 = 𝑉 (𝑛−1)

oil,𝑘 + 𝑞(𝑛)𝑤 − 𝑞(𝑛)𝑒 , (12)

where 𝑞(𝑛)𝑒,𝑤 is the oil volume flowing across the east and west borders
of a fully flooded ring cell at time step n. As a result:

𝐹 (𝑛)
𝑘 = 𝐹 (𝑛−1)

𝑘

𝑉 (𝑛)
𝑘

𝑉 (𝑛−1)
𝑘

+
𝑞(𝑛)𝑤 − 𝑞(𝑛)𝑒

𝑉 (𝑛)
𝑘

. (13)

The numerical implementation of the transition zones will be explained
using the examples shown in Figs. 10 and 11.
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Fig. 10. Schematic of the downstream outer transition zone.

Fig. 11. Schematic of the inner transition zone.

3.2. Outer transition zone

The focus in the outer transition zone lies on conservation of mass:
oil must not get lost. However, slight imprecision in calculating the
oil film height in the cylinder region is acceptable, so we have not
examined the exact shape, growth and shrinkage of the oil menisci.
Instead, the menisci are modeled as rectangular columns with constant
velocity profiles – which depend on the cylinder wall velocity – at their
outer edges, similar to the approaches in [8–10]. The name ‘‘transition
zones’’ is chosen to emphasize this approach. The volume flow from the
ring zone to the outer transition zone depends on the oil film heights at
the ring’s borders: Fig. 10 shows an example of a downstream transition
zone. As long as the ring gap is fully flooded and the oil column can
provide enough oil, the volume is defined by the velocity profile given
by the Reynolds equation at a specific time times the time increment
𝛥𝑡:

𝑞trans,𝑒 =
(

− 1
12𝜇f

𝜕𝑝
𝜕𝑥

+ 𝑈 ℎ
2

)

𝛥𝑡 . (14)

In other cases it is defined by the height of the oil column, assuming a
constant velocity:

𝑞trans,𝑒 = 𝑈ℎf ilm𝛥𝑡 . (15)

The volume flow 𝑞trans,𝑒 is approximated by a plug flow.

3.3. Inner transition zone: full CFD

Dimensions of the meniscuses in the inner transition zones (see
Fig. 11) are much smaller than those of typical numerical cells, whose
height to length ratio is 1/100–1/10. Therefore, 𝑞f ilm,𝑒 represents an
undisturbed plug flow. 𝑞𝑤 is derived using (14), which is valid for fully
lubricated gaps. We must make a velocity-dependent distinction when
defining 𝑞𝑒, which describes oil transport between the passive oil film
and the fully flooded ring region The case of negative cylinder wall
velocities is intuitively easy to describe: since our calculation show that
gas convection has only little impact on the dynamics of the oil film, the
latter is taken as at rest. Therefore, 𝑞𝑒 feeding into the fully lubricated
gap is governed by a uniform velocity profile. The other case (positive
cylinder wall velocity) is not as clear: What is the height of the oil
film trace that the moving ring leaves behind the fully lubricated zone?
We identify the following contributing physical quantities: the surface
tension 𝛾, the oil density 𝜌 and dynamic viscosity 𝜇 , the contact angle
8

𝑓 f
Table 1
Physical quantities used for CFD calculations to estimate the oil film trace.

Physical quantity Range of calculated values

U 0.1 m/s – 3.2 m/s
𝜇f 0.004 Pa s – 0.03 Pa s
𝜌𝑓 870 kg∕m3

ℎ 2.5 × 10−6 m – 5 × 10−5 m
𝛾 0.04 N/m
𝛼𝑐 70 degrees

Fig. 12. (a) problem definition for CFD simulation, and (b) physical quantities
describing the problem.

𝛼𝑐 , the gap height ℎ and the height of the oil film trace ℎf . Buckingham’s
𝜋 theorem shows that three independent dimensionless numbers are
needed to describe this problem. We choose the Reynolds number 𝑅𝑒,
the capillary number 𝐶𝑎 and 𝜁 , which is defined as the ratio ℎf∕ℎ:

𝑅𝑒 =
𝑈ℎ𝜌f
𝜇f

, 𝐶𝑎 =
𝜇f𝑈
𝛾

, 𝜁 =
ℎf
ℎ

. (16)

Hence, the challenge is to find the function f, which describes the
correlation of the numbers defined above:

𝜁 = 𝑓 (𝑅𝑒, 𝐶𝑎) . (17)

This is done numerically by a CFD solution of the freely floating
oil film, as sketched in Fig. 12, using ANSYS FLUENT (commercial
license, Release 14.5.7) with a range of parameters. We applied the
volume of fluid (VOF) method with air as the primary phase and oil
as the secondary phase. The left and right boundaries are defined as
a ‘‘pressure_outlet’’ and a ‘‘pressure_inlet’’ respectively, both having
the same pressure. The lower wall moves with velocity U. Fig. 12
shows the boundary conditions, initial conditions and Table 1 shows
the main parameters. For each set of parameters we calculate ℎf , and
subsequently fit the data using the least-squares method to derive the
polynomial 𝑓 . Fig. 13 shows the surface described by the polynomial
f and the residuals for the simulated configurations; the maximum
deviations are around 10%.

3.4. Implementation of submodels and routines

The commercial program MATLAB (MathWorks, Commercial li-
cense, Release R2016a) is used to solve the equations of motions of the
dynamic compressor model. The compressor model shows a very stiff
behavior, especially when the clearance of either piston or crosshead
decreases and contact occurs. Therefore, the ODE solver ‘‘ode15i’’ [21]
is chosen, which is a variable-step solver that uses orders from 1 to 5. It
is designed to integrate a system of fully implicit differential equations
of the form 𝑓 (𝑡, 𝑦, 𝑦′) = 0. In addition, it calls after every converged time
step optional event functions of (𝑡, 𝑦, 𝑦′) to find if they are zero. Such
an event function is used to do the front tracking of the oil regions and
to save data for post processing.
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Fig. 13. (top) surface representing 𝜁 = 𝑓 (𝑅𝑒, 𝐶𝑎) as calculated from CFD; (bottom) the
resulting residuals.

Fig. 14. Mesh of domain: ∙: represents nodes at the center of finite volumes, ×
represents nodes at outer boundaries; The green area represents the fully flooded ring
region. The outer nodes are moved to the borders for correct implementation of the
boundary conditions. (For interpretation of the references to color in this figure legend,
the reader is referred to the web version of this article.)

The numerical solution of solving the Reynolds equation is per-
formed by using the finite volume method (2D for the crosshead
calculation, and either 1D or 2D for the ring-calculation) on a fixed
and rectangular grid. Since the localization of pressure gradients is a
priori not possible, local refinements of the grid are not useful and
are not pursued. A rectangular ring- and crosshead profile can be
parametrically generated, resulting in equidistant meshes. It is also
possible to consider profiled rings: A third-party mesh generator, which
is capable of the ABAQUS/Standard syntax is needed to generate the
mesh, which can be imported afterwards.

The computational points are placed in the center of the elements,
additional points are also placed at the open borders to account for the
boundary conditions (oil pressure equals gas pressure). The gas pressure
is prescribed at all cell nodes, which are exposed to the gas pressure.
They are located in the starved ring regions. In addition, if starved
lubrication occurs, we move the outer nodes of the fully flooded regions
to the oil front in order to prescribe the boundary conditions correctly
— see Fig. 14 for a visual explanation.

The Reynolds equation is integrated for each volume, P, and its
adjacent volumes. Linear interpolation with an accuracy of second
order for equidistant meshes — equivalent to the central difference
approximation of the first derivation of the finite difference method —
9

is used to derive values at the center of volume sides (𝑤, 𝑒, 𝑠, 𝑛) [22]. For
non-equidistant meshes, the reduction of error is similar to the reduc-
tion of error for equidistant meshes, even though the approximation is
formally of first order [22]. Finally,we get a linear system of equations
of the form
𝐴𝑃 𝑝𝑃 + 𝐴𝐸 𝑝𝐸 + 𝐴𝑁 𝑝𝑁 + 𝐴𝑊 𝑝𝑊 +

𝐴𝑆 𝑝𝑆 + 𝑆𝑐 = 0.
(18)

Attention must be paid to the realization of the boundary conditions:
For the discretization of the outer boundary condition, 𝛥𝑥 is replaced
by 𝛥𝑥∕2. For the implementation of the inner boundary conditions at
the oil front next to the starved region, we will need to update the front
cell’s width.

For the calculation of the pressure field between crosshead guide
and crosshead, the hydrostatic pressure of the lubrication grooves needs
to be prescribed. This is done for all nodes which are located inside
these grooves.

The algorithm of the global lubrication program is sketched below
(see Algorithm 1): Initiating, the 2-equations gas pressure model [12]
is called to calculate the crank-angle dependent pressure values for
all chambers. In the next step, the ODE-solver is started. Within each
increment, the ode-solver calls ‘‘odefcn’’ to evaluate the residuals.

This function first computes all time and solution dependent values
(𝛩 being the crank angle): piston velocity 𝑈 , resulting gas force acting
on piston 𝐹gas, axial acceleration of crosshead �̈�𝐶 , ℎ(𝑥, 𝑧), 𝜕ℎ∕𝜕𝛩(𝑥, 𝑧),
angle between connecting rod and cylinder axis 𝛽 and its derivations.
The well-known leading order relationship for bearings, ℎ(𝛩) = 1 +
𝜖 cos𝜑, where ℎ denotes the ring gap and 𝜖 is the dimensionless eccen-
tricity

(

𝑦P∕𝑐
)

, is adopted for our purpose to account for the piston tilt
𝛿:
ℎ(𝑥, 𝑧) = ℎinit (𝑥, 𝑧) + (𝜖 + 𝜉 𝑥) cos𝜑−

0.5𝜉2𝜆 cos2 𝜑
(19)

with

𝜖 =
𝑦P
𝑐0

, 𝜉 =
𝑤r𝛿
𝑐0

, 𝜆 =
𝑑cyl𝑐0
2𝑤r

2
. (20)

ℎinit (𝑥, 𝑧) are constant values, describing the initial dimensionless gap
between ring and cylinder wall, with zero piston tilt and zero eccen-
tricity. 𝑤r is the ring width, 𝛿 the piston tilt, 𝑑cyl the diameter of the
cylinder bore and 𝑐0 the total clearance between ring and cylinder wall.

In a next step, the crosshead model is called, followed by calls
of the rider ring model for each rider ring. Each rider ring can see
a different pressure level (dependent on piston layout) and different
oil front positions. Finally, the residuals of the equations of motion (6
ODEs) are calculated.

In case the time step is converged, the ODE-solver calls the event
function. This function is used to

• call the piston ring model for each piston ring,
• do the oil front tracking and oil balancing routines (see Sec-

tion 3.1),
• save relevant data for postprocessing.

4. Application of comprehensive lubrication model to case of in-
dustrial relevance

The global cylinder lubrication model is applied to the case of a real
compressor (an ARIEL compressor), which allows to compare results
with in-use lube rates, provided by state of the art guidelines.

Geometric data (basic lengths, masses, mass moments of inertia,
geometry of crosshead guide, . . . ) was kindly provided in detail by
ARIEL. The basic data of this test case is shown in Table 2: The machine
runs with 1000 rpm, the average piston speed is 5.6 m/s. The piston
is guided by one rider ring, symmetrically placed between four piston
rings.
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Algorithm 1 global lubrication program
1: for every increment until convergence do
2: ‘‘ode15i’’ calls ‘‘odefcn’’
3: (calculates residuals)
4: compute time-dependent values:
5: 𝑈, 𝛽, �̈�𝐶 , etc.
6: call 2-equ. gas pressure model
7: compute 𝐹gas
8: compute time- and solution-dependent values:
9: 𝛽, �̇�, 𝛽, ℎ(𝑥, 𝑧), 𝜕ℎ∕𝜕𝛩(𝑥, 𝑧)
0: call rider ring model:

11: for each rider ring 𝑖 do
12: compute 𝑝(𝑥, 𝑧)
13: compute resulting forces
14: points of application
15: compute resulting moments
16: end for
17: call crosshead model:
18: compute 𝐹C,𝑥, 𝐹C,𝑦,𝑀C
9: end for
0: call event function:
1: call piston ring model:
2: for each piston ring 𝑖

23: compute 𝑝(𝑥, 𝑧)
24: compute ring gaps
25: end for
26: compute oil volume flows in ring regions
27: compute oil volumes in transition regions
28: compute oil volumes on cylinder wall next to
29: transition regions
30: save data for post processing

Table 2
Basic compressor data used for the test case.

Compressor parameters Quantity

Speed 1000 rpm
Kinematic oil viscosity 35 mm2∕s (cSt)
Bore 260 mm
Stroke 171 mm
avg. piston speed 5.6 m/s
Suction pressure 49 bar
Discharge pressure 84 bar

4.1. Simulation procedure

The inclination between piston ring surface and cylinder wall sur-
face is solely defined by the piston’s motion (dynamically changing)
and the ring’s profile (static). In case the piston rod’s inclination is
positive all time during operation, some ring areas will always form
a divergent gap — taking an ideal, linear ring profile as an example
— leading to a constant mechanical contact and hence high starving
parameters St. Therefore, the piston rings’ profiles are adapted, where
the ring is in contact (corresponding to ring wear) to minimize and
get realistic St-values. This numerical approach is motivated by run-in
operation with increased lube rate, which is often done in practice for
new rings.

Thus, the simulation procedure is divided into three states:

1. Start with initial conditions (ℎf = const = 0.03 mm, eccentricity
𝑒 = 0); the two equations gas pressure model is used in advance
to estimate the pressure course next to and in between the rings.
When steady compressor dynamic conditions are reached:

2. adapt profile for piston rings, initialize oil film
3. continue calculation with consideration of piston rings with
10

adapted profiles until steady state is reached again;
4. continue calculation, calculate net-oil transport along rings;
5. interpret results to derive lube strategy

4.1.1. Adaption of ring profiles
The algorithm defining the adaption of ring profiles is sketched in

Alg. 2: For each piston ring, a simulation cycle of 5 revolutions is done.
During each cycle, for all regions (nodes), where the minimal gap is
below 4𝜎, the minimal gaps ℎmin,𝑗 are saved. At the end of each cycle,
the ring profile is adapted at each node by (4𝜎−ℎmin,𝑗). This procedure is
epeated as long as the lubrication conditions improve (𝑆𝑡𝑖 decreases),
ut at least 10 times.

This is of course a very rough approach (e.g. compared to [17],
ho presented a more detailed wear model). However, we are only

nterested in deriving steady conditions. The rate of wear is not of
nterest; regions seeing a mixed lubrication condition (with a gap
min,𝑗 < 4𝜎) will see increased wear. Hence, the adaption of the ring
rofile in regions experiencing mixed lubrication will yield a realistic
epresentation of wear.

Algorithm 2 adaption of piston ring profile
1: derive steady piston motions and chamber pressures with global

lubrication program
2: while relative change of 𝑆𝑡𝑖 < 10 % do
3: simulation cycle of 5 revolutions (fully flooded ring
4: region), starting from steady state
5: remember all nodes 𝑗 where
6: ℎmin,𝑗 < 4𝜎
7: assume wear at each node 𝑗 to be
8: (4𝜎 − ℎmin,𝑗)
9: adapt ring profile accordingly
0: end while

5. Discussion of results

The dynamic compressor model gives numerous results, like piston
rod bending, piston — and crosshead eccentricities, forces, velocities,
(see Fig. 15, which shows the traces of these results over two revolu-
tions), clearances, moments and tilts, contact forces, etc. Let us discuss
just a few of them to get an overview of the compressor’s motion: we
see, that the piston eccentricity is always negative: the piston is steadily
guided by the bottom rider ring side with a minimal clearance ranging
from 2 (approx. at bdc-position) to 16 μm (approx. at tdc-position).
A minimal oil film is always preventing asperity contact leading to
𝑆𝑡rider = 0, with an average wetting angle (angle which describes
the fully flooded ring region in azimuthal direction) of approx. 40
degrees. 𝑆𝑡rider = 0 would not be possible without the huge influence
of the squeeze effect: Due to the ideal geometry of the rider ring
(rectangular cross section) and due to the tilt of the piston (unavoidable
due to the piston- and crosshead clearances), there is always a divergent
gap for positive piston velocities. For small wetting angles, the piston
eccentricity would not increase sufficiently to avoid asperity contacts
when the piston moves from tdc- to bdc position. However, in the
presented case, we see a steady increase of piston eccentricity while
there is a convergent gap and the squeeze effect successfully prevents
asperity contact. The piston rod bending shows to be significant: the
piston tilt is more than twice as much as the piston rod tilt.

The crosshead is moving periodically in vertical direction, also
without any occurrence of asperity contacts. The minimal piston ring
gaps are not plotted in this section. They are considerably lower and
range from approximately 0.6 μm to 6 μm. Assuming perfectly flat
surfaces, 𝑆𝑡 = 0 for all rings.

The strong non-linearities of the piston force progression are due
to the high dependency of pressure distribution on the gap size of the
fully flooded ring regions. Small variations of eccentricity in the order
of calculation accuracy cause therefore visible force peaks in case of
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Fig. 15. Results of dynamical lubrication model: eccentricity and clearance of piston,
crosshead eccentricity, piston-rod bending, piston force and piston velocity.

Fig. 16. Pressure variation next to and in between of the piston rings as a result from
the two equations gas pressure model.

small gap heights in the order of microns. This behavior is improved
by choosing higher calculation tolerances. However, comparative cal-
culations have shown negligible influence on the piston’s eccentricity
11
Fig. 17. Wear profile in m of first piston ring (from left), plotted over the developed
ring surface.

Fig. 18. Piston assembly design and possible lube strategy.

Table 3
Net-oil flows along rings.

Ring (numbering starting) Net-oil flow along
from left side rings in l/day

Ring 1 (piston ring) −2.05
Ring 2 (piston ring) −1.14
Ring 3 (rider ring) −1.6
Ring 4 (piston ring) −1.16
Ring 5 (piston ring) −1.04

and on the net-oil flow. The chosen tolerances are a good compromise
between calculation accuracy and calculation speed [12]. The maximal
piston rod bending is in the order of a few hundreds of millimeters and
affects certainly the resulting piston tilt.

The pressure variation in between and next to the piston rings is
shown in Fig. 16. It was calculated assuming an effective leakage area
of 4 mm2 for each ring and is mainly important for the oil pressure
calculation of the piston rings.

Fig. 17 shows the resulting wear profile of ring 1, plotted over the
developed ring surface, which was calculated after the first calculation
phase. It emphasizes the non-symmetry of the problem due to the
non-zero tilt and eccentricity of the piston.

The evaluation of the net-oil flows along the rings is shown in
Table 3: there is a net-oil flow across each ring towards the left side
(towards head end). The net-oil flow along the rider ring (−1.6 l∕day)
is about 50 % higher than the oil flow along the CE-sided piston rings.
These results suggest injection of oil at three places: 50 % of the oil
should be supplied at the CE side of the rings (1.1 l∕day), the other
half of the oil supply should be supplied at the CE sides of the rider
ring and the left piston ring (see Fig. 18). After a run-in phase, the
resulting total lube rate of 2.1 l/day should be sufficient to allow for a
reliable operation. Compared to state-of-the-art lubrication guidelines
– [1] suggests a lube rate of 3.1 l∕day — these results suggest a reduction
of oil consumption of approx. 30 % for this specific case.

6. Summary and critical view

In the course of this work, a comprehensive cylinder lubrication
model for reciprocating compressors was derived, which deepens the
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insight into the mechanisms of oil loss. The secondary piston motion
is identified to be the key driver for oil consumption, the influence of
evaporation and gas driven oil flow is worked out to be negligible.

This derived lubrication model allows to develop compressor spe-
cific lubrication guidelines, which go much more into detail than
state of the art empirical guidelines do: By taking compressor specific
parameters into account (e.g. clearances, ring profiles, moments of
inertia, oil viscosity, etc.), it does not only provide an estimate for
an optimal lube rate, but provides also guidance on the timing of
oil injections. In Section 5, the lubrication model is applied to a
‘‘real’’ compressor, giving a very encouraging, realistic outlook how a
possible lube strategy could look like. Compared to standard empirical
guideline [1] the simulation results suggest a lube oil reduction of
approx. 30%. However, lacking empirical proof yet, this model needs
to be verified experimentally. Above all, some aspects are not covered
yet or show room for improvement: For instance, oil consumption due
to oil mist is not covered at all, assuming ideal lube conditions. Oil
mist possibly forms in the course of oil injection. Another possibility
is the inertial driven formation of oil mist. If oil accumulates on any
piston region and forms a large droplet, the piston acceleration can
force a detachment of the oil droplet. One should bear in mind that
such formations of oil droplets do not necessarily lead to an increase of
oil consumption, since the oil drops might reattach at the cylinder wall.
Above all, they are a result of over lubrication and might be avoided
anyhow. The lube conditions discussed above lead to 𝑆𝑡 = 0 for all
rings. Reducing the lube rate does not necessarily lead to 𝑆𝑡 > 0: On the
ne hand, various ring wear profiles could lead to lower net-oil flows.
n the other hand, in case of rider rings, a reduction of lube rate would

esult in lower wetting angles, hence smaller fully flooded ring regions.
owever, they might still allow for pressure distributions, which are
igh enough to avoid asperity contacts. The results also suggest that
enerally, an increase of lube rates does not necessarily improve the
ube condition of every ring, and hence the compressors reliability: In
his test case, for example, increasing the lube rate on the right side of
he rings would not improve the lube conditions of the rider ring, since
he piston rings in between would serve as an oil barrier. Then again,
enerally, lube conditions could even be improved despite lower lube
ates, but with better timing.

The presented results emphasize that this newly developed, ratio-
ally founded lubrication model could effectively be used to derive
ubrication strategies for reciprocating compressors resulting in signifi-
antly reduced oil consumption and increased compressor reliability.
he definition of such a lubrication strategy would not only define
mount and timing of oil injections for a specific compressor, but also
he oil viscosity, which is clearly one of the most important input
arameters.

Last not least, and as its key contribution to the field of tribol-
gy, the present conclusive multi-scale approach to the lubrication
nd lubricant consumption of reciprocating piston compressors lays
he foundation for a most reliable assessment of friction and, as the
ltimate goal, long-time wear in subsequent investigations.

omenclature

𝛼 = tilt of crosshead
𝛼loss = factor accounting for losses

(mainly due to flow separation)
𝛼𝑐 = contact angle of lubricating oil
𝛽 = angle between connecting rod and cylinder axis
𝛿 = piston tilt
𝜖r = ratio of oil gap to the ring width
𝛾 = surface tension of lubricating oil
𝜑 = the angle (𝜑 = 0 at the lowest point of symmetry

plane) of the local ring coordinate system
12
𝜑valve = effective opening cross-section of
valves or piston rings including losses

𝜅 = heat capacity ratio
𝜇f = dynamic viscosity of lubricating oil
𝜈f = kinematic viscosity of lubricating oil
𝜌 = gas density
𝜌f = density of lubricating oil
𝜎 = composite root mean square surface rough-

ness of the ring and cylinder wall
𝜏g = shear stress at the film surface
𝛩 = crank angle
𝜉 = axial piston rod coordinate

𝐴1 = opening cross-section of valves or piston rings
𝐴𝑐,𝑘 = proportional section area of ring at position k
𝐶 = crosshead
𝐶𝑎 = 𝜇f𝑈∕𝛾 (capillary number)
𝐶𝑅 = connecting rod
𝑐0 = total clearance between cylinderwall and ring
𝑐v = isochoric heat capacity
𝑑cyl = cylinder bore diameter
𝐸 = Young’s modulus of ring material
𝑒 = eccentricity of piston
𝐹 = volume fraction
𝐹C = general forces acting on crosshead
𝐹oil = oil film force
𝐹P = general forces acting on piston
𝐹c,𝑘 = contact forces due to elastic ring

deformation at position k

ℎ = gap between ring and cylinder wall
ℎ0 = gap between ring and cylinder wall at 𝑥 = 0
ℎf = height of oil film trace
ℎf ilm = oil film height of cylinder film- and

starved ring regions
ℎinit = initial, dimensionless gap between

ring and cylinder wall
ℎ𝑟 = height of the deforming material
ℎtrans = height of transition zone
𝑙𝑏 = bending length of piston rod
𝑙trans = length of transition zone

𝑀C = general moment acting on crosshead
𝑀P = general moment acting on piston
�̇�in = mass flow going into the reservoir
�̇�out = mass flow going out of the reservoir
𝑝gas = gas pressure acting on ring
𝑝oil = oil pressure acting on ring
𝑃 = piston
𝑞r = radial forces acting on outer ring surface
𝑞r,𝑔𝑎𝑠 = radial gas forces acting on outer ring surface
𝑞r,𝑜𝑖𝑙 = radial oil pressure forces acting on outer

ring surface
𝑞𝑤,𝑒 = oil volume flowing across the west,

east borders of a fully flooded cell
𝑞trans,𝑤,𝑒 = oil volume flowing across the transition

cell border (west,east)
𝑅 = radius of cylinder bore
𝑅𝑒 = 𝑈ℎ∕𝜈f (Reynolds number)

𝑆𝑡 = starving parameter
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𝑇 = temperature
𝑡 = time
𝑈 = axial velocity of the cylinder (in the coordinate

system that moves with the piston)
𝑈 = internal energy of reservoir
𝑢 = film velocity
𝑢s = max. film velocity (slip velocity)
𝑉 = total cell volume or

volume of reservoir (2-equ. gas pressure model)
𝑉oil = fully filled cell volume
𝑤 = vertical displacement of piston rod due to bending
𝑤r = ring width
𝑥 = axial direction of local ring coordinate system
𝑦C = vertical displacement of crosshead
𝑦P = vertical displacement of piston
𝑧 = 𝑅𝜑
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